To further reduce the Corporate Average Fuel Economy (CAFE) in order to meet the ACEA (Association des Constructeurs Européens d'Automobiles) target values agreed upon, more intense efforts are required in the areas of engine and drivetrain development by 2008 or 2012. The engines that will lead to that goal will be boosted gasoline engines with a high specific output or torque that will combine driving pleasure and reduced fuel consumption. FEV has thoroughly analyzed this kind of concept and the fundamental synergy effects resulting from the combination of supercharging with direct injection. 
INTRODUCTION
The market launch of direct-injection gasoline engines with stratified charge was followed by gasoline direct injection, which has gained notoriety among developers because of its potential when combined with boosting [1, 2, and 3] . The market or vehicle category these engines are being developed for is important to note as well. For example, if the German vehicle market is being analyzed regarding New European Driving Cycle (NEDC) fuel consumption and power/weight ratio (figure 1), the advantages in consumption become clear, in particular when used for niche or sports concepts. The low-end torque behavior in sports car engines is actually unfavorable and either loses its significance or is compensated for because of the use of automated transmissions (e.g. Smart).
High production volumes for vehicles are only realized in those of the upper middle class, which are overwhelmingly equipped, at least in Europe, with manual transmissions. A basic weakness of these engines is the lack of engine torque (also known as low-end-torque), which becomes apparent at low engine speeds. The Brake Mean Effective Pressure (BMEP), specifically with turbocharged engines, can be reached at 1000 rpm, which lies slightly above that of naturally aspirated engines (figure 2).
The specific reasons why the BMEP is above that of naturally aspirated engines are the low mass flow rate, the low exhaust gas temperature, and the relative low turbocharger efficiency in this operating range. This disadvantage is already realized in steady-state engine operation; in the case of operating under transient conditions, the effect of the necessary turbocharger speed adaptation is added and the comparative disadvantage to naturally aspirated gasoline engines increases. Conversely, the maximum torque can be reached in turbocharged engines below 2000 rpm, which sometimes requires the limitation of torque in the low gears. Low-geared transmissions are the end result of weak lowend-torque, which again has an adverse effect on fuel consumption, e.g. in the NEDC. In contrast, the progressively steep rise in torque rise can viewed by the driver as either sporty or as being difficult to drive. In principle, the size of the charger can manage the boost pressure adjustment at low engine speeds, while there is a compromise regarding the specific output that can be reached as a result of the turbine's throttling effect. Typically, if the engine has a high specific output of more than 90 kW/L, they usually do not achieve their maximum torque until the engine speed is over 2000 rpm.
The estimated target range (Target Turbo DISI) for an ideal boosted engine can be taken from the data of the specific torques valid for naturally aspirated engines that are shown in figure 2 . Target values such as this depend mainly on the total engine displacement. A BMEP of more than 14 bar should already be reached at 1000 rpm. 
BASIC ENGINE DESIGN
Especially for boosted engines with a comparatively low compression ratio, the charge motion layout has a high impact on the knocking behavior. On the one hand, there is also a trade-off between the charge motion level at low speeds and the maximum possible airflow rate at rated power. However, in contrast to the naturally aspirated engine, this disadvantage can be compensated by adjusting the boost pressure level in the boosted engine after the rated torque has been reached. All measures that also aim at increasing the low-end-torque aggravate the knocking difficulties. Thus, for the design of boosted engines it is favorable to apply charge motion intake port concepts. CAE methodology was used to optimize the intake port geometry. Figure 3 shows the layout of the flow characteristics of two different intake port versions, a filling and a tumble port. The results of the engine tests show significant advantages for the version with the higher charge motion [4] , so that this is used in subsequent development.
In comparison to the Port Fuel Injection (PFI), advantages due to both, increased cylinder charge and reduced knocking sensitivity can be observed with direct injection. In order to better understand the differences between external and internal mixture formation, borderline cases can be used that represent an idealized intake process and vaporization, figure 4 . External mixture formation, in other words the conventional PFI, is characterized by the complete fuel vaporization before the mixture induction process, during which the heat of vaporization is fully taken from the intake port wall.
Figure 3: Intake Port Layout
A lower borderline case of the internal mixture formation describes the full air intake, during which vaporization does not take place until the inlet closes, and which leads to an about 2% higher cylinder mass with λ = 1. The upper borderline case on the other hand describes the fuel vaporization during the induction process, during which the heat of vaporization is fully taken from the intake air and with a high cylinder mass of approximately 8%. Both, the port fuel injection and direct injection are real processes that are positioned between the first and the last borderline case. Despite the increased cylinder mass, the charge temperature decrease of direct injection usually causes a reduced knocking sensitivity. In the engine used here, it was possible to increase the compression ratio in comparison to the base version with port fuel injection by more than one unit to ε = 10. The same air mass flow was needed again in the event of rated power; however, it was possible to reduce fuel consumption in almost the entire map. Especially at the boosted engine with high injection rates per cylinder, direct injection also requires careful tuning of the mixture formation in order to prevent an increase in soot and HC emissions as well as an increasing oil dilution as a result of increased wall wetting. CFD calculations [5] are used as a basis for the injection layout. Figure 5 serves as an example to show studies on spray propagation and mixture formation with swirl or multi-hole injection nozzle. Multi-hole injection nozzles offer a high degree of freedom with regard to the location of the individual holes and have a spray pattern that is almost independent from the backpressure.
It can be seen, how the fuel mass is deflected by the intake air down towards the piston. When the piston is in bottom dead center, the swirl injector shows a clear wall contact of the injection spray in the area of the exhaust valve. This also leads to a higher stratification of mixture in the combustion chamber even during the compression phase, so that at the end of compression zones remain with relatively rich mixture. In contrast to that, it is possible to reduce the wall wetting with the multi-hole injection nozzle. The rich mixture zones at the end of compression are reduced, and thus the soot potential at high load is positively affected. In order to evaluate the wall contact a characteristic number is used taking into account the relative air/fuel ratio. The course of the weighted wall contact over the intake and compression stroke is shown in the right side of figure 5 for both injector versions. The multi-hole injection nozzle generally shows advantageous characteristics, since it permits the specific design of the injection spray geometry.
Due to the cylinder wall contact and the oil adsorption, the quality of the mixture formation with direct injection clearly affects the engine oil dilution with fuel. Oil dilution is determined using a standardized test procedure, in which the engine is operated cold conditioned, figure 6 . The drastically reduced amount of fuel added speaks for a clearly improved mixture formation. Thus, this procedure yields an efficient methodology, which includes the comprehensive assessment of combustion system and durability.
GAS EXCHANGE
A GT-Power model of the engine was set up to optimize the FEV Turbo DISI. In particular, the model takes into account the lower engine speed range in order to permit low-end-torque studies and transients at low speeds with high accuracy. For example, the GT-Power extrapolation method for turbocharger maps was optimized and the burning characteristics of the engine as a function of load and speed were implemented in the model [6] .
When setting-up the model, special attention was also paid to a detailed modeling of the engine periphery in order to permit an exact modeling of gas dynamic phenomena, e.g. the exhaust blow-down reflection. This is required especially in those cases, when the engine is operated with large valve overlaps at low speed.
At full load and low engine speeds, turbocharged gasoline engines typically feature a positive scavenging pressure drop. This can be used in engines with inner mixture formation to scavenge the cylinder with fresh air during gas exchange. In doing so, the volumetric efficiency raises and the mass flow rate through compressor/turbine is increased. Thus, the operating point of the compressor/turbine is shifted to higher efficiencies. Figure 7 shows the full load operating points for the PFI base version and the one of the Turbo DISI in the compressor map. It is apparent that the full load operating points at engine speeds of 1000 and 1250 rpm clearly diverge from the surge line and a higher pressure ratio can be realized. In the mid speed range, scavenging fresh air is used to reduce the knocking sensitivity, thus lowering the boost pressure demand. The latter also yields favorable transient behavior. In the range of high engine speeds, the efficiency of the engine can be increased due to the reduced knocking sensitivity (inner mixture formation). If the power output is constant, the air mass flow is therefore reduced. Thus, the combination of gasoline direct injection and variable timing can significantly help to reduce the required compressor map width.
When tuning the combustion system, injection timing and air/fuel ratio are important parameters in addition to valve timing. Design of Experiments (DoE) was used here as a support tool, since the high degree of freedom would lead to a large amount of testing involved. For example, figure 8 shows the solution space found to obtain a high torque and simultaneously a high efficiency for a speed of n = 1000 rpm. On the one hand, there is a limitation due to a BMEP of >13 bar, and on the other hand a specific fuel consumption of 400 g/kWh acts as a limit for the solution space. Moreover, a relative air/fuel ratio of λ = 1.0 was a requested boundary condition for the exhaust gas aftertreatment. It is apparent that, in comparison to the large theoretically possible adjustment range of the valve timing, it was possible to notably reduce the solution space. Figure 9 shows the steady-state full-load results. In comparison to the PFI base version, the gasoline direct injection and variable valve timing at a speed of n = 1000 rpm can be used to increase the mean effective pressure by approximately 35% to about 14 bar. Here, in principle, additional increase is possible depending on the engine design. At a speed of n = 1250 rpm, a rated torque of approximately 260 Nm (BMEP = 18 bar) can already be achieved, whereas the value for the PFI base version is merely 164 Nm, which corresponds to an improvement of 58%. This significant increase of the low-end-torque can be achieved by utilizing the positive scavenging pressure drop at low speeds. As a result, a volumetric efficiency of up to 125% is achieved (relative to the intake manifold condition). The additional scavenging air mass results in a leaner air/fuel ratio in the exhaust than in the cylinder, it increases from λ = 0.9 up to λ = 1.0. Thus, it is possible to realize a minimum specific fuel consumption of below 250 g/kWh at full load.
ENGINE RESULTS
Furthermore, it is possible to show favorable consumption at partial loads with the aid of the variable timing and the compression ratio that is high for boosted engines. Figure 10 displays the Turbo DISI in the BSFC scatter band at n = 2000 rpm / BMEP = 2 bar. It reveals the Turbo DISI being clearly below the boundary line of turbocharged PFI gasoline engines.
An inherent weakness of all downsizing concepts with turbocharging remains the significantly poorer dynamic behavior compared to that of naturally aspirated engines. Figure 11 shows the comparison of engines with identical power for a transient load step from BMEP = 2 bar to full load at 1250 rpm. The naturally aspirated gasoline engine reaches its maximum torque almost directly and steadily following the throttle angle in less than a half second; whereas, the boosted versions are only able to keep up with this property in the first tenths of a second. The subsequent drop in the torque gradient basically indicates that the particular engine has reached the naturally aspirated full load. A direct additional increase of the torque is only possible to a limited degree due to the moment of inertia of the turbocharger that is to be accelerated. Nevertheless, a higher basic torque level offered by the Turbo DISI engine at low speeds already has an approximately 10% advantage, compared to the base version. With regard to the transient behavior, the combination of boosting and variable timing with direct injection is clearly preferable to PFI. The Turbo DISI version with identical rated power already reaches the nominal torque of 1250 rpm approximately two seconds earlier than the PFI turbocharged version. About 1.5 seconds after the naturally aspirated engine reaches its nominal torque and after another approximately 1.5 seconds the Turbo DISI produces a torque that is approximately 20% higher compared to the naturally aspirated engine. Compared to the PFI base version, the torque is 50% higher at this time reference point. Overall, the torque build-up seems to continue much more harmoniously. 
CONCLUSION
The fuel saving potential for the Turbo DISI engine is outlined as an assessment that takes into account an estimation of the extra costs that might be encountered. The money saved by the decrease in fuel consumption in the NEDC is shown in figure 12 . In that figure, a 1,500 kg test vehicle is used as the basis. It is equipped with a 2.0L naturally aspirated engine. The turbocharged versions used in the comparison have the same rated output; thus, the swept volume decreases to approximately 1.4L. Moreover, the effects of turbo lag can be reduced by using direct injection in combination with turbocharging, which leads to an improved low-end-torque behavior. Moreover, direct injection can be used to increase the compression ratio and obtain advantages in residual gas control. Combining these aspects with a possible extension of the final drive ratio will yield another approximately 6% reduction in NEDC fuel consumption. In addition, using a variable compression ratio could yield a potential reduction in total fuel consumption of approximately 30%.
The results of the analysis presented demonstrate the synergy effects that can be achieved by combining boosting and direct injection. Combining boosting and direct injection offer a significant potential for enhancing the torque and efficiency of gasoline engines; additionally, the responsiveness of turbocharged engines will be noticeably improved. Based on this, it can be expected that this concept will find broad long-term acceptance in all vehicle and engine categories. This concept has a number of advantages compared to modern diesel engines, such as high low-end-torque and a wider overall speed range.
Future development can addressed through the following issues, beside the continuation of the detailed optimization that has been started: Catalytic exhaust gas aftertreatment: Accelerated catalyst aging, under unfavorable circumstances, could occur with the fluctuating addition of oxygen and rich exhaust in the catalytic converter at low engine speeds.
Increase of the maximum mean effective pressure: A maximum torque level of approximately 25 bars with single-stage boosting will lead to improved drivability as well as favorable overall efficiency. Pre-ignition or mega knocking problems have to be observed in this context.
New boosting technologies and high-pressure boosting:
The potential to apply variable turbine geometry, 1050°C turbine or two-stage boosting will have to be measured in the future to determine how they can be applied to this new gasoline engine standard or whether it supports further optimization.
